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Abstract
In the design process of a railway vehicle it is crucial to determine the operating temperature of the brake friction elements.

The thermal load related to braking depends on both the design of the vehicle and its braking system but also on the

operating conditions in service. It is therefore justified to model frictional heating of the friction elements in the design

phase. As railway braking differs substantially from automotive or aircraft braking, current review article is focused on the

published literature concerning specifically modelling of railway tread and disc brakes. However, to present the complete

picture of the state-of-the-art, studies undertaking related topics concerning frictional heating are also discussed. It is

concluded that the existing models should be further developed to account for mutual coupling of operation conditions and

the coefficient of friction.

1 Introduction

Friction brake in railway vehicles is used to reduce their

speed, maintain it while negotiating a descent or to keep

the vehicle stationary. The physical phenomenon behind it

is friction force generated at the interface of two bodies

sliding against each other. Transformation of mechanical

energy into heat in the course of brake application leads to

increase in the temperature of the friction elements of a

brake (friction pair).

Braking performance required for the railway vehicle is

among the most important criterions in choosing type of

the braking system. Two most common types of friction

brakes used currently in railway vehicles are tread brake

and disc brake. In tread brakes the friction pair consists of

the wheel and the brake shoe. Disc brakes comprise brake

disc (which is in most cases either wheel-mounted or axle-

mounted) and brake pads. Thermal load, which the friction

pair will be subject to in operation, is a key issue when

designing braking systems and selecting the materials from

which friction elements will be manufactured. Depending

on the estimated temperature reached by the disc brake, a

cast iron, cast steel or steel disc and suitable composite

brake pads, organic or sintered, may be used. In tread

brakes, cast iron brake shoes, which were used almost from

the beginning of the development of railway technology,

are gradually superseded by composite brake shoes—or-

ganic and sintered [39]. The limiting factor in application

of tread brakes is the fact that wheel is one of the friction

elements and simultaneously constitutes running gear.

Therefore, the consequences of its failure due to excessive

thermal load may be far more serious than in disc brakes.

In the course of railway vehicles design process, selection

of friction materials is verified by tests on a full-scale

dynamometer which simulates the actual operating condi-

tions of the vehicle. The characteristics of the friction pair

under specific operating conditions are then analysed, e.g.

the dependency of the coefficient of friction and wear of

the friction elements on temperature. The condition of the

friction pair is also assessed—the desirable feature of the

materials is that they are not subject to thermal degradation

or destruction under given operating conditions.

Friction materials are also tested in the reduced scale.

The disadvantage of this method is that it is not possible to

simultaneously represtent all operating conditions and the

geometric relations of the friction elements [16, 2]. Pin-

on-disc tribometers are also used to test friction materials

used in railway brakes [1, 32].

As the full-scale dynamometer testing is time-consum-

ing and costly, it seems beneficial to apply simulation
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methods and use bench tests only to validate the design

before proceeding to the prototype production phase.

In the course of braking, in particular during drag or

emergency brake application as well as consecutive brake

applications with relatively short cooling period, the fric-

tion pair is subject to considerable thermal load. Day et al.

indicate two types of the effect of thermal load on friction

pair: (1) bulk thermal effects, such as deformation (e.g.

brake disc coning), and (2) localised thermal effects, such

as heat spots or cracks [14] . The mechanical and thermal

stresses as well as local overheating resulting from fric-

tional heating in the course of brake application lead to

changes in the material structure, cracks and other damage

which have negative influence on the life-span of the

friction pair. As the requirements concerning durability,

reliability and, above all, safety of railway vehicles are

more and more demanding, it is crucial to determine

thermal loads which friction pair will be subject to under

the designed operating conditions. The first step to conduct

such an analysis is to calculate the temperature field

evolution. This subject was undertaken by researchers

already in the 1960s [10, 5] and is still quite

current [6, 9, 20, 25, 26, 30, 45, 5–55, 57, 60, 61].

When analysing frictional heating, the researchers

employ analytical methods which provide exact solutions

to the given problems [10, 11, 19, 25, 33, 57, 58]. Ana-

lytical methods have however their limitations and often

require simplifications. More complex problems are anal-

ysed with numerical methods, in particular with finite

elements (FEs) method, which is subject of the review

presented in this paper.

2 Temperature Calculations in Railway
Tread Brake

Although disc brake has many advantages over tread brake

(which is discussed in more detail in Sect. 3), tread brake is

still a very common technical solution, in particular in

freight wagons and in railway vehicles where space in the

bogies design is very limited, e.g. motor bogies of railway

vehicles used in underground transportation (metro rolling

stock).

Important advantages of tread brake are: relatively

simple design and its reliability. In a typical railway brake,

mechanical force is generated by the pressurised air in the

brake cylinder. In tread brake the piston force is multiplied

by the lever mechanism (brake rigging) and presses,

through the brake block, a brake shoe to the wheel’s run-

ning surface. Friction force is generated as a result of the

wheel-brake shoe contact. Wheel and brake shoe are worn

in the process.

One of the key factors that contributed to the develop-

ment of composite brake shoes in Europe was the attempt

to reduce the rolling noise, which is strictly related to the

roughness of the wheel running surface [15, 38]. For tread

braked wheels, a crucial factor is the brake shoe material.

Composite brake shoes are known to generate less rough

surface [15, 28] and experimental results show that their

tendency to form hot spots is weaker in comparison to cast

iron [38]. Due to lower thermal conductivity of composite

brake shoes, as compared to cast iron brake shoes, the

amount of heat that is absorbed by tread braked wheels

equipped with composite brake shoes is higher than wheels

braked by cast iron brake shoes [51].

The significance of the brake shoe material properties on

thermal load which wheel is subject to during braking is

accounted for in the UIC (Union Internationale des Che-

mins de fer—International Union of Railways) homolo-

gation procedure for composite brake shoes. Test

programme no. A6 is a simulation of brake failure—a

scenario where normal force is exerted on the brake shoe

while the vehicle travels at a constant velocity. The result

of the test is deemed positive when the average temperature

measured under the wheel rolling surface does not exceed

specified value in defined time or the linear wear of the

brake shoe reaches a certain value [48]. These require-

ments stem from the concept that in case of unusually high

thermal load, the brake shoe should act as a ‘‘fuse’’ pro-

tecting the wheel—after exceeding certain temperature, a

sudden increase in brake shoe wear should preferably

occur. This in consequence reduces the amount of heat

transferred to the wheel.

The fact that the safe operation of a railway wheel of a

given design depends, among other factors, on how the

thermal load results in mechanical stress is reflected in the

standard issued by the Association of American Railroads

(AAR) [3]. This document presents input data for stan-

dardised wheel stress analysis accounting also for the

thermal load which wheel is subject to in operation.

Considering the significance of temperature prediction

in railway tread braking, studies focused on modelling of

frictional heating in tread brakes are discussed.

Petersson created a two-dimensional finite element (FE)

model of the railway tread brake equipped with a single

composite brake shoe (250 mm long, 80 mm wide and

40 mm thick) [37]. In order to stabilise the solution,

streamline diffusion method was employed. The case under

study was a drag brake application at constant velocity of

80 km/h, while the normal force exerted on the brake shoe

was 4000 N. The brake application lasted 300 s. The heat

generated on the brake shoe-wheel interface was defined

as:

qin ¼ lpV ð1Þ
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where q—heat flow, l—coefficient of friction, p—contact

pressure, V—sliding velocity.

It was assumed that the coefficient of friction l has a

constant value of 0.20. The frictional heat was divided

between wheel and the brake shoe using the equations

below:

qw ¼ Tb � Tw

rw þ rb

pþ rb

rw þ rb

qin ð2Þ

qb ¼ Tw � Tb

rw þ rb

pþ rw

rw þ rb

qin ð3Þ

where q—heat flow, T—temperature, r—thermal contact

resistance constant (N �C/W), p—contact pressure, and

subscripts b and w denoting brake shoe and wheel

respectively.

In order to define a reference case for further analysis,

the model was calibrated with the experimental data, i.e.

temperature values measured in the course of the full-scale

dynamometer test. In the next step the sensitivity study was

carried out. The author investigated the influence of the

heat partition, contact pressure distrbution and specific heat

capacity of the brake shoe on the calculated temperature

fields.

The heat partition was modified in two ways: (1) by

varying the ratio of thermal contact resistance constants

while keeping their sum constant and (2) by varying the

sum of thermal contact resistance constants while keeping

their ratio constant. As expected, increase in rb

rw
quotient

leads to the increase in wheel temperature and increase in

rb þ rw sum results in decrease of wheel temperature.

Three cases of circumferential contact pressure distri-

bution on the wheel-brake shoe interface were analysed,

namely sinusoidal, linear and constant pressure distribu-

tion. It was concluded that the best corellation with the

temperature fields measured experimentally was obtained

for the sinusoidal pressure distribution.

Specific heat capacity of the brake shoe in the reference

case was 1000 J/kg �C. The calculation was also performed

for 3500 J/kg �C. It did not affect the calculated wheel

temperature significantly but had a crucial effect on the

calculated value of the brake shoe temperature.

Vernersson used the two-dimensional axisymmetric FE

model to determine the average temperature on the surface

of the brake shoe and wheel during braking [50, 51]. The

method is applicable to the temperature field calculations

concerning stop brake applications, drag brake applications

as well as multiple brake applications accounting for

cooling of the friction pair. The partition of the frictional

heat generated in the course of brake application between

the wheel and the brake shoe is defined in a similiar way as

in a paper by Petersson [37]—it depends on the thermal

resistance of the friction elements:

qw ¼ Tcont
b � Tcont

w

Rw þ Rb

þ Rb

Rw þ Rb

qbrake ð4Þ

qb ¼ Tcont
w � Tcont

b

Rw þ Rb

þ Rw

Rw þ Rb

qbrake ð5Þ

where

qbrake ¼ qw þ qb ð6Þ

and

qbrake ¼ �qbrake 1 þ c nt �
1

2

� �� �
ð7Þ

�qbrake ¼ Qbrake

BLb

ð8Þ

q—heat flux, Tcont—contact temperature, R—thermal

resistance (m2 �C/W), c—axial heat distribution parameter,

nt—dimensionless axial coordinate across the wheel tread

introduced to account for axial variation of heat flux

(nt ¼ 0 at the field edge and nt ¼ 1 at the flange side of the

brake block), Qbrake—thermal power of braking, B—brake

shoe width, Lb—length per one brake shoe. Subscripts b

and w denote brake shoe and wheel respectively.

Cooling of the friction elements by convection and

radiation is accounted for. It is worth pointing out that heat

transfer to the rail is introduced in the discussed model (rail

chill). Two approaches are discussed in the study, namely

(1) perfect thermal contact between the wheel and the rail

(equal temperature at the contact interface) and (2) thermal

resistance being the consequence of the film existing on the

wheel-rail interface (temperature jump at the interface).

For perfect thermal contact, the thermal power conducted

from wheel to rail Qperfect
r , was given as follows:

Qperfect
r � 6:99

bkffiffiffi
j

p ðTw0 � Tr0Þ
ffiffiffiffiffiffi
av

8p

r
ð9Þ

where a, b—semi-axes of wheel-rail contact ellipse, k—

thermal conductivity, j—thermal diffusivity, Tw0—wheel

temperature prior to contact with the rail, Tr0—rail tem-

perature prior to contact with the wheel, v—sliding speed.

Moreover, an analysis was carried out which showed

that thermal power related to the wheel-rail rolling contact

and wheel slipping is almost negligible as compared to

thermal power generated in the course of the stop brake

application (initial velocity of 100 km/h, axle load of 22.5 t

and average deceleration of 0.385 m/s2 generate maximum

braking power of 152 kW while the power related to the

rolling contact is only 2.2 W).

An example of the numerical calculation showed that

the rail chill may have significant influence on the tem-

perature of the wheel tread during braking. The results of

calculation indicated that, depending on operating
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conditions and material of the brake shoe, large part of the

thermal power generated during braking (even more than

25%) enters the rail.

In a paper published by Vernsersson in parallel to [50],

the model is calibrated for three different brake block

materials using experimental data (temperature measure-

ment) [51].

The two-dimensional, axisymmetric model presented by

Vernersson [50] was calibrated by Teimourimanesh et al.

with the experimental data in [44] and used to calculate the

temperature evolution in the course of metro route profile

simulation [45]. The numerical analysis comprised 30 stop

brake applications each followed by a short cooling period

and a phase to cool down the friction pair to ambient

temperature. In normal operation, braking performance on

metro trains is mainly ensured by electrodynamic brake.

The analysed case concerns however only friction braking,

a worst-case scenario which must also be considered in the

brake system design.

Temperature-dependent wheel material properties (ER7

steel) were introduced in the model. Flange deflection

related to stop brake application was determined. In addi-

tion, a three-dimensional FE model was used to determine

stress related to mechanical load resulting from wheel-rail

contact. The numerical simulation accounted for three

scenarios of mechanical load, namely the train: (1) trav-

elling on a straight track, (2) negotiating a curve and (3)

passing switch or crossing, which are characterised by

different position of wheel-rail contact on the wheel profile.

Residual stress induced in the wheel in the course of the

manufacturing process was introduced in the model. The

combined results from thermo-mechanical and mechanical

analysis were used to calculate fatigue damage of the

wheel.

Babu and Prasad [43] performed a coupled (structural

and thermal) field analysis. The FE model was two-di-

mensional and non-axisymmetric. Structural analysis

allowed to determine the circumferential contact pressure

distribution. The simulation concerned a stop brake appli-

cation from the initial velocity of 40 km/h and was divided

into 100 steps, each lasting 0.18 s. Calculations were car-

ried out with the convective heat disspation to the ambient

accounted for (a constant heat transfer coefficient at 90 W/

m2 was assumed in the model) and with no convective

cooling. The heat flow into to the wheel (qW) and to the

brake shoe (qL) were defined as:

qW ¼ clpV ð10Þ

qL ¼ ð1 � cÞlpV ð11Þ

The coefficient of friction l was assumed to be constant

and had a value of 0.175. c is heat partition ratio related to

density q, specific heat c and thermal conductivity k

(subscripts W and L refer to the wheel and brake shoe

respectively):

c ¼ qW

qW þ qL

¼ 1

ð1 þ qLcLkL=qWcWkWÞ
1
2

ð12Þ

In the presented example, 99% of the heat generated in the

course of the brake application was transferred to the wheel

and only 1% to the brake shoe. In order to reduce the

computational effort, the wheel was considered rigid—the

authors verified that it has no significant influence on the

results of calculation.

The numerical analysis was preceded by a full-scale

dynamometer test used to determine the braking time,

velocity dependence on time as well as initial and final

temperature on the surface of the wheel. The numerical

calculation results were in very good agreement with the

experimental measurements in terms of final temperature

(measured value: 332 K, calculated values: 335.77 K and

335.99 K, with convective cooling considered and without

it respectively). Also the velocity decrease in time reflected

well its variation in the experimental test.

The authors investigated the influence of the rotational

velocity on circumferential contact pressure distribution.

Comparison of the results at 4 rad/s and 10 rad/s lead to the

conclusion that the effect of the velocity on pressure dis-

tribution is negligible.

Milošević et al. [35] created a three-dimensional FE

model of a tread-braked wheel with brake blocks in 2xBgu

configuration (i.e. two brake shoes per each side of the

wheel). The numerical calculation of temperature field

evolution regarded drag brake application lasting 300 s at

three velocities (20 km/h, 40 km/h and 60 km/h) and two

values of contact force (20,379 N and 37,162 N per brake

block), i.e. in total six cases were analysed.

Transient heat transfer equation used in the numerical

calculations was given as:

qCp

oT

ot
þrð�krTÞ ¼ �qCpurT ð13Þ

where q—density, Cp—specific heat capacity, k—thermal

conductivity, u—velocity field.

The coefficient of friction was assumed to be constant at

0.115 regardless of the operating conditions of the analysed

cases. Convective cooling and radiation was accounted for

in the model. Perfect thermal contact on the wheel-shoe

interface was assumed.

As expected for drag brake application, the maximum

temperature increased as the velocity and contact pressure

increased and was the highest at the end of simulation, i.e.

at t ¼ 300 s. The highest temperature values were obtained

on the wheel surface (r ¼ 625 mm), the lowest in the

wheel hub area. For the brake application with the highest

power (velocity of 60 km/h and contact force of 37,162 N
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per brake block), the maximum calculated temperature on

the wheel surface was 772.52 �C.

It was found that the ratio of the calculated maximum

temperature at higher and lower contact force (37,162 N

and 20,379 N per brake block respecitively) is approxi-

mately constant at 1.72–1.76 depending on the velocity.

The authors compared calculation results at 60 km/h and

20,379 N per brake block (maximum calculated tempera-

ture was 437.22 �C) with the results of calculation in

similiar conditions, published in literature (* 310 �C and

* 350 �C) and concluded that this constitutes sufficient

agreement and the presented method can be considered

therefore as valid.

Esmaeili et al. [20] presented a comprehensive

methodology to predict cracking and estimate the lifespan

of railway wheel which is subject to thermomechanical

load related to braking and rolling contact (this study is a

further development of the work presented in [9]). In

general, three braking cases were analysed in the study,

namely stop brake applications from the initial velocity of

160 km/h and 130 km/h with sintered brake shoe and stop

brake application from 160 km/h with composite organic

brake shoe. In each case normal force exerted on the brake

shoe was 30,000 N. The corresponding brake applications

(40 repetitions) were conducted on the full-scale

dynamometer in order to obtain the relevant experimental

data (braking power, temperature evolution etc.).

Low cycle fatigue tests of ER7 steel were performed to

acquire the data necessary to model the plastic behaviour of

the wheel material. The tests were carried out at several

temperatures between 20 and 625 �C. The experimental

measurement of temperature fields (by means of a thermal

camera) led to observation of the localised high-tempera-

ture areas, i.e. a phenomenon called thermal banding

related to thermoelastic instability described by Barber [4].

Thermal banding was detected for sintered brake shoes

with two frequently occuring patterns, namely (1) two

bands, each 25 mm wide and (2) a single hot band (50 mm

wide, observed in the course of the brake applications from

the initial velocity of 160 km/h and 40 mm when the initial

velocity was 130 km/h). Nominal width of the contact area

was 80 mm. For brake applications with composite organic

brake shoes, the temperature distrbution was approximately

uniform.

During the dynamometer test, intermittent inspections

were carried out to monitor the occurence and propagation

of cracks. No cracking was detected when composite

organic brake shoe was used. With sintered material,

cracks appeared after 11th brake application (initial

velocity of 160 km/h) and between 20th and 30th brake

application (initial velocity of 130 km/h).

The FE simulations were carried out for each set of the

operating conditions and three contact patterns, namely (1)

two bands, (2) a single band and (3) contact on the entire

width of the brake shoe. The non-uniform pressure distri-

bution was accounted for by defining the contact only on

the prescribed section along the width of the brake shoe. A

combination of thermomechanical FE simulation and fati-

gue analysis allowed for estimation of the critical strain.

This, in turn, led to estimation of the wheel lifespan

(number of braking cycles at the prescribed operating

conditions after which the critical strain in the wheel is

exceeded). For the contact patterns which are characteristic

of specified operating conditions (uniform contact for the

composite organic brake shoe, a single band, 40 mm wide

for sintered brake shoe and the initial velocity of 130 km/h

and a single band, 50 mm wide for sintered brake shoe and

the initial velocity of 160 km/h) the estimated lifespan (42,

30 and 12 cycles respectively) and the experimental results

were compared. The estimation agreed well with the crack

occurence in the course of the dynamometer test—for

sintered brake shoes the cracks appeared between 20th and

30th braking cycle and after 11th cycle in respective cases.

No cracks were detected after 40 braking cycles with

composite organic material.

In Wasilewski and Grześ [54], the authors presented

temperature evolution calculations for a tread-braked

wheel subject to stop brake application. A three-dimen-

sional model of a tread brake in 1xBg configuration was

created. In order to reduce the computational effort, a

simplified geometry of the wheel hub was assumed. Fur-

thermore, the FE mesh was coarse in the areas where no

significant change in temperature was expected (e.g. wheel

hub and wheel web) and very fine in the vicinity of the

contact interface. Perfect thermal wheel-brake shoe contact

was assumed in the model. The analysed case concerned

brake application from 80 mph (128.7 km/h) with normal

force exerted on the brake block of 28,590 N.

The main aim of this study was to compare the results of

temperature field calculation considering two different

assumptions: (1) constant value of the coefficient of fric-

tion in the course of the brake application (2) coefficient of

friction dependent on operating conditions. In the latter

case, the data concerning evolution of the coefficient of

friction, wheel velocity and normal force were acquired in

the course of the full-scale dynamometer test. In the first

case, constant, mean value of the normal force was intro-

duced in the model. The value of the coefficient of friction

was also constant and calculated from the experimental

data as defined in [48]:

lm ¼ 1

S2

Z S2

0

ladS ð14Þ

la ¼
Ft

Fb

ð15Þ
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where lm—mean coefficient of friction, S2—stopping

distance from the point in time when normal force reaches

95% of the target value, la—instantaneous coefficient of

friction, Ft—instantaneous braking (tangential) force, Fb—

instantaneous contact (normal) force.

The velocity decreased linearly from the initial value to

zero at specified point in time (total braking time from the

experimental results). In order to reflect the conditions

from the dynamometer test, initial temperature distribution

was introduced in the wheel (by a procedure named ‘‘pre-

heating’’).

It was found that when the model accounted for varia-

tion of the coefficient of friction in the course of brake

application, the average maximum calculated temperature

(272 �C) was closer to the experimental value (282 �C) as

compared to the calculations based on the assumption that

the coefficient of friction is constant (336.6 �C). It was also

observed that the temperature evolution is in better

agreement with the experimental data when variation in the

coefficient of friction is considered.

Wasilewski and Bułhak [53] carried out numerical cal-

culations of temperature evolution in the course of drag

brake applications. A three-dimensional FE model of tread

brake in 1xBg configuration was employed. Considering

the duration of the brake application (2700 s), simplifica-

tions were made to the wheel and brake shoe geometry, to

reduce the computational effort. In particular, flange was

not modelled—the wheel rim was represented by a hollow

cylinder. Two cases were analysed which differed in the

initial temperature of the friction pair (17.5 �C and 61.9 �C)

and the evolution of the coefficient of friction. In both

cases constant velocity of 32 km/h was maintained and the

normal force exerted on the brake shoe was 6450 N. The

evolution of the coefficient of friction introduced in the

model was determined by means of a full-scale

dynamometer test and reflected its temperature-

dependence.

The difference between experimental results and cal-

culated average temperature (determined from values in

three points corresponding to measurement points in the

dynamometer test) at the end of brake applications was

about 8%. In addition, the authors concluded that

accounting for dependency of the coefficient of friction on

temperature allows for a good representation of tempera-

ture evolution in the course of drag brake application.

Abbasi et al. [1] investigated thermoelastic instability

(TEI) phenomenon observed in railway tread brakes. The

experimental part of the study was carried out using pin-

on-disc tribometer. The pin was made from P10 cast iron—

a material widely applied in railway tread brakes, the disc

was cut out of the rim of a railway wheel (ER8T steel). In

the course of the test, mass wear of the pin was measured.

In addition, vertical displacement of the pin and disc sup-

port was measured. The disc temperature was controlled

during the test—the heating unit was installed in the setup.

Temperature was measured using three methods: (1)

pyrometer was used to measure the temperature of the

cylindrical part of the disc, (2) a thermal camera was used

to determine temperature field on the side of the pin, pin

holder and the disc, (3) infrared (IR) mirror was used to

measure the temperature on top of the disc.

An axisymmetric, two-dimensional FE model of the

experimental setup was employed to investigate the heat

partition between the pin and the disc. It was assumed that

the ’’third-body’’ exists between the pin and the disc and

the heat is partitioned between the friction elements as

presented in [50]. The model was calibrated with the

experimental data.

TEI was investigated by using four ‘‘submodels’’ cal-

culating contact pressure and temperature distribution,

wear of the pin and related change in geometry and

accounting for temperature-dependent material properties.

To observe the variation in contact pressure and tempera-

ture distribution, the contact surface was divided into

rectangular sections. It was found that with disc tempera-

ture increasing up to 500 �C, the heat flux to the pin also

increases. Above that temperature the ratio of the heat

absorbed by the pin to the total heat flux decreases. Cor-

responding tendency was observed for specific wear of the

cast iron pin. Analysis of the results of numerical calcu-

lations showed that local maxima of contact pressure and

temperature appear and change position over time. It was

concluded that the presented model may be applied to

predict occurence of TEI for friction materials used in

railway braking.

Vernersson used a two-dimensional FE model of a

section of a tread braked railway wheel to study roughness

induced by braking [49]. Two friction materials were

considered, namely cast iron and organic composite for

which, for the purpose of the analysis, two values of elastic

modulus were considered. It was assumed that the coeffi-

cient of friction is constant in the course of simulation.

Constant heat partition coefficients were defined in the

model (50% of the heat entered the wheel braked with cast

iron shoe and 90% in the case of composite brake shoe).

Wear of the friction material was accounted for in the

model. Non-uniform heat flow distribution was imposed at

the beginning of the simulation. Random and sinusoidal

perturbation were analysed for cast iron brake shoe and

only random perturbation for organic composite material.

In the case of cast iron brake shoes, the result of the sim-

ulation indicated that in few seconds a two-band contact

pattern is established at the brake shoe-wheel interface. For

composite material the result depended on its elastic

modulus. For the elastic modulus value below 1 GPa, the
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non-uniformities imposed initially have the tendency to

reduce. For higher values of elastic modulus (above 2 GPa)

the non-uniformities increase. When the sliding velocity

was reduced from 100 to 50 km/h, the non-uniformities

developed in a slower manner. In the simulation, more heat

was transferred to the wheel with composite friction

material and it lead to faster growth of non-uniformities in

contact surface.

Variation in contact pressure and surface temperature

along the wheel circumference was compared for com-

posite materials with elastic modulus of 3 GPa and 5 GPa.

The material with lower elastic modulus generated lower

variation in contact pressure and in consequence in surface

temperature.

It was concluded by the author that the possible method

to reduce wheel roughness is to use friction material

characterised by low value of elastic modulus.

Caprioli and Ekberg [8] employed FEM to calculate

stress and strain in the wheel subject to thermomechanical

and mechanical load. The first was related to braking, the

latter to rolling. The calculations were performed in partial

slip and full slip conditions. Temperature-dependent wheel

material properties were introduced in the model. The

authors investigated the effect of modelling strategies on

the accuracy of the results and computational effort.

It is worth noting that numerical FE models are also

applied to analyse the heating and thermomechanical stress

in railway wheels resulting from the rolling contact

[13, 27].

3 Temperature Calculations in Railway Disc
Brake

With the operating speed of passenger railway vehicles and

the amount of energy dissipated during braking increasing

and finally as the requirements concerning braking per-

formance become more demanding, tread brake was

superseded in contemporary vehicles by disc brake

[36, 39, 47].

The most important advantage of disc brake over tread

brake is that it allows to perform high-power brake appli-

cations without inducing thermal stresses in wheels [36]. It

has a beneficial effect on safety of operation and service-

life of wheelsets. In addition, tread braked vehicles have

tendency to generate rolling noise due to the tread-braked

wheel-rail interface [47]. When compared to tread-braked

vehicles, in particular those equipped with cast iron brake

shoes, high value of the coefficient of friction between

brake disc and composite brake pad, allows for using

smaller (and lighter) brake cylinders. It is also reported,

that disc brake, due to the frictional characteristics of

composite brake pads, ensures approximately constant

deceleration in the course of brake application [36].

In a typical disc-braked railway vehicle, brake disc may

be axle-mounted or wheel-mounted, which depends on the

space available in the bogie [47]. In general, power bogies

are characterised by less space available as compared to

trailer bogies, hence wheel-mounted brake discs are quite

often installed on locomotives and power bogies of mul-

tiple units, whereas axle-mounted brake discs are installed

on passenger coaches and trailer bogies of multiple units.

Brake discs are often designed with channels improving

air-cooling efficiency (cooling fins) but solid, non-venti-

lated brake disc also find application [18]. The decision on

particular brake disc design depends on operating condi-

tions—if the brake applications are less frequent and of

higher power (e.g. high-speed trains), higher thermal

capacity is desirable. By contrast, when the brake appli-

cations are quite frequent and at lower initial velocity (e.g.

metro trains), then cooling efficiency plays a crucial

role [36].

In this section of the paper, the studies concerning

application of FEM to determine temperature fields in a

railway disc brake are discussed.

Ghadimi et al. [21] used a three-dimensional FEM

model of the wheel-mounted brake disc of a locomotive to

determine temperature evolution on the surface of the disc

and the cooling fins in the course of a single emergency

brake application. Computational fluid dynamics software

was used to calculate heat transfer coefficient, related to

cooling by air, at each step of the simulation. Therefore,

efficiency of the cooling varied in the course of the anal-

ysed brake application. The pad and brake disc were con-

sidered as semi-infinite solids and the heat partition

(generation) k ratio was defined as:

k ¼ q00d
q00p

¼ qdCdkd

qpCpkp

 !1
2

ð16Þ

where q00—absorbed heat flux, q—density, C—specific

heat capacity, k—thermal conductivity and subscripts d and

p refer to disc and pad respectively.

Value of the coefficient of friction was assumed to be

constant in the entire course of the analysed brake appli-

cation. The calculated temperature evolution on the disc

and fins surface was compared with the experimental

results. Maximum calculated temperature value on the disc

surface was approximately 240 �C whereas maximum

measured temperature was about 270 �C. In addition,

temperature evolution during brake applications from the

initial velocity of 160 km/h at five different deceleration

rates (between 0.8 and 1.2 m/s2) was calculated—the

maximum temperature at the lowest deceleration rate was
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197.53 �C, for the highest deceleration it was 28.42 �C

higher.

Ghadimi et al. [22] is a continuation of the work pub-

lished in [21]. Using the same model, numerical calcula-

tion of temperature fields in the course of drag and stop

brake application were carried out. The results were used

as input data for calculation of thermal Huber-von Mises

stress and deformation of the brake disc. Thermal stress r
was defined as:

r ¼ EaðT � T0Þ ¼ EaðDTÞ ð17Þ

where E—modulus of elasticty, a— thermal expansion

coefficient, T—temperature, T0—reference temperature.

While the temperature during drag brake application

was significantly higher than after stop brake application,

thermal stress however was lower. This finding led to the

conclusion, that the design of the cooling fins is correct.

Dufrénoy and Weichert determined temperature evolu-

tion on the surface of the railway brake disc comparing

calculations at two different assumptions, namely that: (1)

pressure distribution on the brake pad is uniform and (2)

disc-pad contact area changes in the course of the brake

application as a consequence of wear and deformation of

friction elements [17]. Another assumption was that at the

rotational velocity considered in the study, circumferential

temperature gradient may be neglected, therefore it was

justified to apply a two-dimensional model. Heat dissipa-

tion by convection and radiation was taken into account.

Maximum calculated temperature on the disc surface was

siginifcantly higher in the case where non-uniform pressure

distribution was accounted for (694.8 �C as compared to

329.5 �C with uniform pressure distribution assumption).

Furthermore, high radial temperature gradient was

observed in this case. This result was confirmed by ther-

mographic temperature distribution measurement during

full-scale dynamometer test and is in line with the findings

of Barber [4, 5].

Sensitivity study of the model indicated that Young’s

modulus and the coefficient of thermal expansion of the

pad material have an important effect on the maximum

temperature and the influence of thermal conductivity of

the pad material is negligible. The higher the value of

Young’s modulus, the shorter time it takes for the tem-

perature to reach its maximum. Calculations carried out at

low value of Young’s modulus resulted in the temperature

evolution similiar to the case where uniform pressure dis-

tribution was assumed.

Benseddiq et al. used two-dimensional FE model to

calculate the temperature gradients while optimising shape

of the railway brake pad [7]. The goal was to find the

geometry for which the most uniform pressure distribution

on pad-disc contact surface will be established. The same

thermomechanical algorithm as in [17] was applied.

According to the authors, high radial thermal gradient is a

consequence of non-uniform pressure distribution. Hence,

the basic assumption for the analysis was that the optimal

pad geometry will be characterised by a minimal radial

thermal gradient. The analysis included investigation of the

maximum temperature dependency on the number of

grooves in the pad, mechanical properties of the friction

material and intermediate layer as well as backplate

thickness. Compressibility of the pad was modified by

changing modulus of elasticity from 250 to 3150 MPa. The

observed tendency was that the lower the modulus of

elasticity, the lower the value of calculated maximum

temperature. It was concluded that the more elastic the

friction material is, the pressure distribution is more uni-

form. Change in Young’s modulus of the intermediate

layer had similar influence on the maximum temperature—

the stiffer the substrate, the higher the value of maximum

temperature during brake application. Another possible

modification that was analysed in this study concerned

number of grooves in the brake pad. When grooves are

introduced in the pad, the disc-pad contact becomes more

elastic. It was found that in the case where four horizontal

grooves were introduced, the maximum calculated tem-

perature decreased from 1136 to 600 �C as compared to the

design with one groove. It was also observed that when

both modulus of elasticity of the friction material and

number of grooves are modified, the more elastic the

material is, the influence of grooves number is more pro-

nounced. Furthermore, the higher number of grooves is

introduced in the pad, the effect of change in the elasticity

of the friction material decreases. To further improve the

uniformity of pressure distribution, a steel reinforcement,

10 mm thick, was introduced in the model. The calcula-

tions confirmed that as flexibility of the pad as a whole was

limited by the reinforcement, further reduction of the cal-

culated maximum temperature was observed. An experi-

mental study on a full-scale dynamometer was performed

to verify the numerical analysis. Two sets of brake pads

were tested—first with one groove and the other with three

grooves. In both cases friction material with equal modulus

of elasticity was used. 12 thermocouples were installed in

the brake pads, 3 to 4 mm under the friction interface. The

test confirmed that increasing the number of grooves in the

pad led to more uniform temperature distribution. Finally,

the authors presented a proposed new design of the brake

pad with increased number of grooves, different shape of

the friction surface and with a steel reinforcement. It was

concluded that a separate study is neceessary to account for

effects concerning circumferential temperature

distribution.

Optimisation was also the subject of a paper by Missori

and Sili [36]. Two-dimensional FE model of the brake disc

section was used to determine temperature evolution in the
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course of drag and single stop brake application. The

operating conditions reflected constant-velocity downhill

braking at 70 km/h and stop brake application from approx.

240 km/h with two stages of deceleration rate (contact

force). The effect of the brake disc design, namely the

number of cooling fins (0, 36 and 72), friction ring thick-

ness (12 mm, 20 mm and 28 mm) and cooling fins width

(54 mm, 70 mm and 86 mm), on temperature distribution

and evolution was analysed.

Additional calculations were performed concerning a

full, non-ventilated brake disc, having equal internal and

external radius of the friction ring as well as equal mass

and thermal capacity as compared to the reference brake

disc (thickness of approx. 70 mm). It was assumed that the

entire heat generated in the course of brake application is

absorbed by the disc, the heat flux distribution on the disc

surface is uniform, and the circumferential and radial

temperature gradient are negligible (only the axial tem-

perature gradient was considered).

Temperature-dependent changes in the thermophysical

properties of the brake disc material (cast iron) and air were

taken into account. Heat exchange was calculated in a

different way for the surface in contact with brake pads and

the cooling fins side. Coefficient of heat transfer in the first

case was assumed to be a sum of convective term and

radiation term, whereas in the latter case the radiation term

was neglected. Cooling efficiency of the disc was investi-

gated by experimental tests.

It was concluded that a slight increase in thickness (and

consequently its thermal capacity) of the brake disc (e.g.

5 mm) might be an effective way to substantially reduce

the maximum temperature in the course of both drag and

stop brake applications, which in turn has a beneficial

effect on the service life of brake pads. Doubling the

number of cooling fins (from 36 to 72) resulted in

improvement in brake disc cooling efficiency—the differ-

ence in calculated surface temperature, immediately after

brake release, was 40 �C, while 20 minutes later it

increased to approx. 90 �C. The design without cooling

fins, i.e. a non-ventilated brake disc, had a poor cooling

efficiency which caused higher maximum temperature

prior to brake release and substantially longer cooling time

(maximum calculated temperature for non-ventilated brake

disc was approx. 510 �C and for brake disc with 72 cooling

fins it was approx. 430 �C, whereas temperature at the end

of calculation, i.e. 20 minutes after brake release, was

approx. 340 �C as compared to approx. 80 �C for brake disc

with 72 cooling fins). On the other hand, in the course of

stop brake application, non-ventilated brake disc was

characterised by the lowest calculated maximum temper-

ature (approx. 340 �C as compared to 360 �C and 370 �C

for brake disc with 72 cooling fins and 36 cooling fins

respectively).

The authors concluded that such brake disc design may

not be suitable for railway applications, since it operates

well mainly when subject to high-power stop brake

applications.

However, axle-mounted, non-ventilated brake discs are

used for example on trailer bogies of French high-speed

trains (Train à Grande Vitesse—TGV) [18]. Dufrénoy and

Weichert used three-dimensional FEM model to investi-

gate the mechanism of crack formation on the brake discs

of TGV trains. Analysis of the TGV brake discs indicated

that two main types of cracks can be distinguished: (1) a

relatively dense network of microcracks and (2) macroc-

racks, which propagate mostly in the radial direction. The

thermal gradients observed in the course of experimental

tests of a TGV brake disc on a full-scale dynamometer

were classified into five types, taking into account their

size, thermal level and duration: (1) regional thermal gra-

dient related to almost uniform pressure distribution, (2)

macroscopic hot spots, which appear in their ’’stable’’ form

longer than 10 s, (3) hot bands caused in general by non-

uniform pressure distribution in pad-disc contact, (4) gra-

dients on hot bands and (5) very short flashes of high

temperature on contact asperities. The authors focused on

the case where macroscopic hot spots are present. Since the

distribution of the hot spots is regular (in the analysed case,

a total of twelve hot spots, six per friction ring), the authors

used a three-dimensional model of the disc section, namely

one-sixth of the circumference of one friction ring. The

mechanical loading related to friction was not accounted

for, as from the macroscopic perspective it is significantly

lower than thermomechanical loading. However, it was

noted that when highly non-uniform pressure distribution

occur, the mechanical component may significantly con-

tribute to the overall loading.

The temperature distribution in the course of stop brake

application was calculated (initial velocity of 300 km/h,

energy of 13.9 MJ dispersed in 213 s), imposing the

defined non-uniform heat flux distribution. The results of

calculation were compared with experimental termographs.

The calculated maximum temperature (910 �C) and the

value measured in the experiment (952 �C) were reached at

the same point in time (72 s). Similiar to calculation, six

macroscopic hot spots were observed in the experiment,

albeit differing in shape—those in the experiment were

more localised.

As thermal and mechanical analysis were uncoupled, the

temperature field at the point in time when the maximum

temperature was reached, constituted the input data for the

calculation of angular stress and plastic strain. The results

were verified with the measurement of residual stress on

the brake disc of the TGV train. The experimental results

were of the same order as calculated values and confirmed

that lower stress occur in the radial direction as compared
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to circumferential direction. The experiment supported also

the findings from the numerical calculation that the highest

stress values are present in the vicinity of the hot spot.

Finally, a cyclic loading analysis (seven consecutive

brake applications) was carried out to study stress-strain

hysteresis loops—a stabilisation of the loops was achieved

after sixth consecutive stop brake application.

Based on the experimental and numerical findings, the

authors concluded that cracking mechanism of railway

brake disc may be explained by its being subject to the

cyclic thermoplastic loading.

Also TGV brake disc, albeit wheel-mounted type

installed on motor bogies, was analysed in an article by

Tirovic [47]. The author employed FEM calculations in

the design process. Using the three-dimensional model of a

brake disc section, new design concept was tested by

temperature fields calculation in the course of emergency

stop brake application. The initial velocity was 320 km/h

with two deleceration rates defined, namely 1.0 m/s2

between 320 and 215 km/h and 1.3 m/s2 between 215 and

0 km/h. Initially, the author focused on modelling bulk

thermal effects (as defined in [14]), the macroscopic

effects, such as hot spots were considered at the later stage

of the design process. Temperature-dependent material

properties were accounted for, however to reduce calcu-

lation time, in the initial phase of the process, plasticity

was not modelled. In addition to temperature fields, Huber-

von Mises stresses and disc deformation were determined.

The brake disc manufactured according to the design pro-

posed in the paper was tested extensively on a full-scale

dynamometer, passed the approval procedure, including in-

service testing and was successfully introduced in the

operation of TGV trains. To summarise, in Tirovic’s work,

FEM has proven to be a very effective tool to aid in the

design process of railway brake disc.

A paper by Kim et al. concerns thermal stress analysis of

a railway brake disc under non-uniform contact pressure

distribution [31]. A three-dimensional FE model was used

to calculate temperature distribution in the course of a

single stop brake application from an initial velocity of

150 km/h and initial temperature of the friction pair of 100
�C. In the first step, pressure distribution was determined,

considering the geometry of the friction pair and rotation of

the disc. The resulting non-uniform pressure distribution

was imposed during temperature field calculation. For the

purpose of comparison, a case with uniform pressure dis-

tribution assumption was analysed.

The Huber-von Mises stresses in the brake disc were

determined for temperature distribution at a point in time

when the maximum temperature on the disc surface was

reached (159 �C under non-uniform pressure distribution

and 151 �C under uniform pressure distribution). The

calculated maximum Huber-von Mises stress was slightly

lower under non-uniform pressure distribution assumption

(100 MPa as compared to 103 MPa when pressure distri-

bution was considered uniform) and its location agreed

with that of the cracks on the brake disc in service, unlike

in the other analysed case. The authors concluded that in

case of thermal stress analysis, the assumption of non-

uniform pressure distribution ensures more reliable calcu-

lation results.

The purpose of the work by Li et al. [34] was to

investigate the mechanism of crack formation on the brake

discs in service on China Railway High-speed (CRH)

rolling stock. The influence of operating conditions on

crack propagation was studied by analysing three cases: (1)

emergency brake applications from the initial velocity of

300 km/h, (2) emergency brake applications from the ini-

tial velocity of 200 km/h and (3) service brake applications

from the initial velocity of 200 km/h, where regenerative

braking played a significant role in the total braking per-

formance. For the analysis of the first case scenario, a brake

disc, which was subject to emergency brake applications

from the initial velocity of 300 km/h, was dismantled from

the motor axle. The length of the cracks exceeded the limit

permitted by maintenance rules, therefore the disc was

withdrawn from service. The second scenario was inves-

tigated by full-scale dynamometer testing—almost

1000 emergency brake applications were performed. The

third case was studied by monitoring the brake discs

operating in normal service for 6 months, which resulted in

approximately 8000 service brake applications. No emer-

gency brake applications were performed during this per-

iod. The authors analysed overheated areas and fatigue

cracks evolution by comparing the photographs. The dis-

tinction has been made between crackles, i.e. network of

superficial material discontinuities and cracks, i.e. deep and

long fractures.

Five samples were cut out from brake discs that were

subject to emergency brake applications from the initial

velocity of 300 km/h. The specimens were fractured along

the cracks and their geometry was analysed. The cracks

were half-elliptic in shape and their maximum depth was

between 4.0 and 5.4 mm. It was found that the fatigue

cracks propagated mainly in radial direction. Hardness was

measured at several points along the thickness of the disc.

Furthermore, the microstructure of the material was

examined which indicated a phase change in the disc

material in the overheated areas. Finally, elemental anal-

ysis of the areas in the close vicinity of the cracks indicated

substantial oxidation concerning brake disc subject to

emergency brake applications from the initial velocity of

300 km/h, while the areas close to the fatigue cracks on the

brake disc subject only to service brake applications from

the initial velocity of 200 km/h were not oxidised. It was
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concluded that increase in braked energy leads to condi-

tions more favourable in terms of crack propagation.

Numerical simulations were performed for the three

case scenarios mentioned before. Transient FE analysis

was used to calculate temperature fields in the course of

brake applications and subsequent cooling. Perfect pad-

disc contact was assumed in the simulation, wear of the

friction elements was not accounted for. Circumferential

stress was calculated on the surface on the disc as well as

5 mm, 10 mm and 18 mm below.

The residual tensile stress after cooling was present only

in simulations concerning emergency brake applications.

The residual tensile stress after emergency brake applica-

tion from the initial velocity of 200 km/h was almost

negligble at the depth of 5 mm, 10 mm and 18 mm below

the disc surface, and was approximately 50 MPa on the

disc surface. It was concluded that this corresponds to

crackle formation as observed on the disc during full scale

dynamometer test.

In the case of emergency braking from the initial

velocity of 300 km/h, the circumferential stress on the disc

surface was compressive in the initial stage and changed to

tensile stress during cooling period. Subsequent brake

applications and cooling periods resulted in similiar cir-

cumferential stress evolution. It was concluded that cyclic

change between compressive and tensile circumferential

stress close to the disc surface is a contributing factor to

crack propagation. The depth at which calculated residual

tensile stress was present agreed well with the crack depth

observed on specimens cut out from brake disc from CRH

rolling stock.

The simulation concerning brake disc subject to service

brake applications from the initial velocity of 200 km/h

showed practically no residual circumferential stress after

cooling period which led to the conclusion that under these

operating conditions fatigue cracks do not propagate. It was

supported by the analysis of the brake discs in normal

operation on CRH rolling stock.

The authors suggested that in order to avoid fatigue

cracks formation and propagation, it is crucial to eliminate

residual circumferential stress. The proposed method con-

sists in brake application at low contact pressure to grad-

ually and uniformly increase the disc temperature.

Wu et al. proposed a method to estimate the lifespan of a

railway brake disc related to crack propagation resulting

from cyclic thermomechanical loads [55]. The authors

determined the temperature fields in the course of emer-

gency brake application from the initial velocity of

400 km/h. Cooling of the friction pair was accounted for by

defining convection exchange coefficient (air-cooling) and

radiation exchange coefficient. The calculation results

showed localised high temperature areas, i.e. hot spots. The

calculated maximum temperature in a single stop brake

application (approx. 681 �C) was in very good agreement

with experimental measurement (approx. 686 �C). A single

semi-eliptical thermal fatigue crack, 2 mm long, was

introduced in one of the hot spots. Its development in

relation to number of emergency brake applications was

investigated by means of advanced modeling techniques

(extended finite element method—XFEM and virtual-node

polygonal finite element method—VPM). It took more than

277,000 emergency brake applications for the crack to

reach length of 100 mm which was regarded as the maxi-

mum permissible value.

The authors estimated that when a thermal fatigue crack

of 2 mm is detected, the remaining service life of a brake

disc is slightly more than 5 years.

In Grześ et al. [26], the authors presented results of

temperature field calculations in the disc brake of a railway

vehicle. A three-dimensional FE model of the brake pads

and the disc was created. As the system is symmetrical

along the central plane, only one half of the brake disc

thickness and one set of brake pads were modelled. In order

to reduce the computational effort, the cooling fins of the

brake disc were not modelled, but the total mass of the disc

was maintained by defining the appropriate thickness of the

friction ring. Thermal diffusivity of the pad material was

determined employing pulsed IR thermography. With

known density and specific heat capacity, thermal con-

ductivity was calculated. These thermophysical properties

of the friction material were introduced in the FE analysis.

The calculations concerned 10 stop brake applications with

4 different initial velocities (110 km/h, 95 km/h, 65 km/h

and 35 km/h). The coefficient of friction was measured on

the full-scale dynamometer—its mean value was intro-

duced in the model and was assumed to be constant in the

course of brake application. The results of temperature field

calculations lead to the conclusion that during single stop

brake application the disc is not heated uniformly—tem-

perature gradients were observed in axial direction in the

course of the entire braking. Furthermore, as the geometry

of the pad-disc contact area was complex due to the

grooves in the pad, the temperature distribution was found

to be non-uniform.

In Yevtushenko et al. [60], the authors extended the

work presented in [26]. A single and repeated brake

applications of the diesel multiple unit (DMU) equipped

with disc brake were subject of this study. Comparative

analysis was carried out considering: (1) numerical solu-

tion of spatial mathematical model with application of

FEM, (2) analytical solution of one-dimensional thermal

problem of friction presented in [10], (3) experimental

results published in [23]. To determine the temperature of

the friction elements in the course of the nth brake appli-

cation, following algorithm was employed:
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1. during first brake application (n ¼ 1) the temperature

of the friction elements is found from the numerical

solutions of the boundary-value heat conduction

problem;

2. once the brake disc stops, numerical problem of

transient heat conduction considering cooling by

convection is solved;

3. the average bulk temperature of the friction elements

after one braking cycle is determined before the

subsequent brake application commences and is intro-

duced in the boundary condition as initial temperature;

4. after repeting steps 1 to 3 for n times, the temperature

fields are determined.

Results of numerical calculations concerning temperature

evolution in the course of the 5th brake appllication in a

series were compared with the analytical solution presented

in [10] and with the experimental results published in

[23]. The temperature values determined by both methods

subject to comparison are in good agreement, although

better correlation with the experimental data was achieved

for results obtained with the FE model. The advantage of

the presented numerical model is that it allows introduction

of given geometry of friction elements. The limitation

however is that it is necessary to perform simulation for

brake pad and brake disc separately.

Two other papers are worth noting—despite the fact that

they do not directly refer to railway braking, the presented

results may find application in this field.

Qi and Day [40] investigated the effect of the actual

contact surface on the temperature field in the disc brake.

The temperature was calculated at 3 points on the contact

surface. The authors concluded that the increase in the

actual contact surface is related to decrease in local tem-

perature values, while it does not affect the average tem-

perature of the disc.

Alnaqi et al. [2] proposed a method to determine the

parameters of the reduced-scale dynamometer test, so as to

maintain operating conditions from the full-scale test and

simulate the process of frictional heating as in the natural

scale. The axisymmetric, two-dimensional FE model was

verified with the experimental data and subsequently used

to confirm the feasibility of the reduction method in

operating conditions beyond those tested in the experiment.

4 Summary and Conclusions

In the design process of the railway vehicle braking system

it is of utmost importance to determine the operating

temperature of the friction pair. The thermal load, which

friction elements will be subject to, depends on both the

design of the vehicle and its braking system but also on the

operating conditions in service. It is therefore justified to

model frictional heating of the friction elements in the

design phase, instead of performing costly and time-con-

suming bench tests.

The articles discussed in this review are characterised by

diverse aims, i.e. optimisation of the brake disc geometry,

optimisation of the brake pad shape, determination of

mechanical and thermal stresses, investigation of crack

formation and thermoelastic instability phenomenon. It

shows how crucial a role numerical simulations play in the

process of design and evaluation of braking systems for

railway vehicles. The analysis of the published literature

indicates that the researchers who model frictional heating

in railway brakes, very often assume the simplifiaction that

the coefficient of friction is constant in the course of brake

application. In reality, however, it strongly depends on

operation conditions, such as sliding velocity and temper-

ature [12, 24, 29, 41, 42]. An exception to this finding are

studies by Wasilewski and Grześ [54] and Wasilewski and

Bułhak [53]—in these studies the authors introduced in the

model evolution of the coefficient of friction measured

during full-scale dynamometer test. There are articles

which discuss frictional heating, where authors assume

linear dependency of the coefficient of friction on tem-

perature [52, 46]. In Yevtushenko et al. [56, 59], the

authors calculated temperature field with temperature-de-

pendent coefficient of friction, employing the relations

given by Chichinadze et al. [11]. Yevtushenko and Grześ

introduced in [57] mutual coupling of temperature of the

friction elements, their thermophysical properties, the

coefficient of friction and finally rotational velocity of the

brake disc. The subject of the study was, however, disc

brake of a passenger car. Further development of this work

was presented by Grześ [25]. No study is known to the

author, which concerns numerical model of railway brake

accounting for mutual coupling of temperature, thermo-

physical and tribological properties of the friction ele-

ments. Considering the specifics of railway braking,

namely diversity of friction materials in service, brake

types and configurations as well as wide range of operating

conditions, which in turn have significant influence on the

braking process, it is a worthwhile task to further develop

the existing models.
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